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A theoretical study has been undertaken to show the influence of
bearing geometry on the steady-state and dynamic behavior of
tilting-pad journal bearings. The computer model wsed takes into
account a rff,{ﬁ’rem viscosity on each pad, turbulence in the ol film
and pad inertia.

The geometric changes considered include the pad clearance and
the bearing clearance, the lengthidiameter ratio, the number of
pads, and the orientation of the bearing with respect to the load
direction. The major operating characteristics which have been ex-
amined are oil film thickness, pad temperature, power loss, and oil
[film stiffness and damping.

The basic form of bearing against which changes in geometry are
compared has 5 centrally pivoted pads with a lengthidiameter ratio
of 1.4, The bearing diameters considered in the theoretical study are
160 mm and 400 mm. Comparisons with experiment are also made
for bearings having diameters of 160 mm and 430 mm.

INTRODUCTION

Tilting-pad journal bearings are finding increasing use in
high-speed machinery particularly in applications where
plain cylindrical bearings might present problems with self-
induced vibration.

This paper describes the calculated effects of various
geometric factors on steady-state and dynamic behavior of
this kind of bearing.

Data on this behavior are presented in dimensional form
so that, in examining trends, the heat balance in the bearing
is taken into account. The theoretical model allows lor dif-
ferent temperatures (and thus different viscosities) on each
pad.

THEORETICAL MODEL

The theoretical performance characteristics presented
here for a complete tilting-pad journal bearing are obtained
by aggregating the values of those characteristics for the in-
dividual pads comprising the bearing.

NOMENCLATURE
Brrs Byys Bryy Byr = damping®* (Ns/m)

o = diametral pad bore clearance (2¢,) (mm)
ta = diametral bearing clearance (2',) (mm)
iy = radial pad bore clearance (r, — r) (mm)
et = radial bearing clearance (r, — ) (mm)

d = journal diameter (mm)

¢ = journal eccentricity (from bearing center) (sce Fig. 1)
H = power loss (kW)

h = pil film thickness (m)

hwne = minimum oil film thickness (mm)
KooKy Koo Ky = stiffness® (N/m)

! = bearing length (mm)

n = preset (or preload) (e, 1= ¢’ fey)

N = journal rotational speed (rev/imin)

n = number of pads

b = oil film pressure (N/m?)

(};y = inlet flow to pad (m%s)

e = flow from trailing edge of pad (m's)
Quige = total low from side of pad (m¥s)

r = journal radius (mm}

ry = bearing radius (see Fig. 1) (mm)
ru = pad radius (see Fig. 1) (mm)

{ = time (3)

v = sliding velocity (m/s)

W = externally applied load (N)

xy = coordinate directions

= angle between direction of externally applied load and
datum pivot line (see Fig. 1)

€' = bearing cecentricity ratio (efe' )

| = dynamic viscosity

6, = oil temperature at inlet to pad (°C)

O = cllective temperature in pad oil film (°C)

Buor = maximum pad temperature ()
@ = angle between direction of externally applied load and
line of journal and bearing centers (see Fig, 1)

*The convention for the suffices of the stiffness and damping terms is
best illustrated by an example. The term, suffixed ay is the rate of change
of the x component of load with movement, either displacement or veloony,
m the y divection, where the x and y directions are those defined in Fig, 2.



The pad characteristics are calculated in dimensionless
terms from a finite difference solution of Reynolds equa-
tion. The form of equation used can take into account the
effects of turbulence. Details of this equation, together with
the boundary conditions and assumptions made in its solu-
tion, are given in Appendix 1. Dynamic coefficients are de-
rived using small perturbation theory.

Although the characteristics for individual pads are calcu-
lated using isoviscous theory, the model for the complete
bearing does allow for different temperatures on each pad,
since large variations in these temperatures are observed in
practice (/). An individual heat balance is performed on
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each pad to determine its effective temperature and hence
its effective viscosity. Although not a full thermo-
hydrodynamic solution, as in (2), where variations of viscos-
ity within the pad are taken into account, the approach used
here is more realistic than assuming a single viscosity for the
complete bearing (3), (), (5). Details of the heat balance are
given in Appendix 2.

The dimensionless pad characteristics, both steady-state
and dynamic, used in the model have been confirmed with
other theoretical results (6). By using an iso-viscous lubri-
cant, cnmparis'ons have also been made with theoretical pre-
dictions for complete bearings (3), (4), (5). Here, the
agreement is quite good, although there are some differ-
ences in absolute values due to the differing methods of
solution.

Initially predictions of the model for power loss and
maximum pad temperature were checked against experi-
mental results from a 160 mm diameter bearing; geometric
details of this bearing are given in Table 1. (Some of these
results from unpublished experimental work carried out in
the authors’ company are shown in Fig. 9).

Comparisons have also been made with some published
experimental data (7} for a 430 mm diameter bearing. As
shown in Fig. 3, there is good agreement for power loss in
the laminar regime and also when the oil film becomes tur-
bulent. The predictions of maximum pad temperature (Fig.
4), for this size of bearing, compare quite well considering
that the empirical relationship used was derived from re-
sults for a 160 mm diameter bearing.

Values of the dynamic characteristics of tilting-pad jour-
nal bearings have been determined experimentally (2), (8).
However, there is insufficient published information to
allow direct comparisons to be made with predictions of the
theoretical model used herein.

CLEARANCES

One of the most important variables governing the perfor-
mance of a hydrodynamic journal bearing is the clearance.
In a plain journal bearing, the clearance and the journal
eccentricity together define the film shape which controls
the hydrodynamic pressure generation within the bear-
ing. In a tilting-pad journal bearing, the situation is not
so simple as there are two clearances. One, herein termed
the “pad clearance,” ¢, is defined as the difference in the
radius of curvature of the pad profile and journal radius,

Tapre |l —BrarinG Dara FOR THE TILTING-PAD
JOURNAL BEARING RiG

Bearing diameter 160 mm Load on pads

Bearing length 64 mm oil—heavy turbine grade
5 pads—60%arcs Inlet temperature 50°C
Speed (rev/min) 1000 2000 4000 6000

Bearing Clearance (mm)* (L2058 | 0,192 | 0,176 | 0.160
{operating)

Preset 0.59 0.625 | 0.66 0.69

*Clearances used for the predictions in Figs. 9, 10, 13, and 14




and the other, herein termed the “bearing clearance,” ¢’ ,, is
the radial gap, when the journal is concentric with the bear-
ing, between the journal and the pad at the pivot position.
Le.

Cp=r, =

’

o=, = r
The possible displacement of the journal within the bearing
15 a funcuon of the latter clearance.

Preset (or Preload)

The relationship between the two clearances is termed
the preser (or preload) and is defined
L

;
m=1-—=

o

Fig. 5 shows diagramatically how the two clearances affect
the film shapes in the bearing. To produce positive preset,

the pad cearance must be greater than the bearing clear-
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Fig. 3—Comparison of theoretical predictions and experimental results
of power loss for a 430 mm diameter 5-pad bearing.

ance. When they are equal, the preset is zero. Values of pre-
set normally range from 0 to about 0.7.

Effect of Clearance on Pad Loading

With an eccentric journal in a bearing which has no pre-
sct, only some pads (because of film shape) generate a
hydrodynamic pressure which loads the pad against its hous-
ing. With preset, however, it is possible for all the pads, in-
cluding those in the “top” of the bearing, to be loaded. Pads
which are “unloaded™ contribute nothing to the stiffness of
the bearing, but they may produce a small amount of damp-
ing (5), (However, in the theoretical predictions in this pa-
per, no account is taken ol such damping.) These unloaded
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Fig. 4—Comparison of theoretical predictions and experimental results
of maximum temperature for a 430 mm diameter 5-pad bearing.
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pads, and even lightly loaded ones, may be unstable and
lead to pad “flutter.” Therefore, it is a desirable feature to
have all the pads in a bearing loaded.

The condition for all pads to be loaded is purely a func-
tion of the two clearances in the bearing and the journal
position. Data are given in Fig. 6 for determining whether
this condition is satisfied. For any value of preset, there is a
value of eccentricity below which all the pads are loaded;
this value is dependent on load direction.

It is of interest to note that, when loaded between pads,
the maximum journal displacement can exceed the bearing
clearance; in effect, the journal can “fall between™ two pads.
A 5-pad bearing can attain an eccentricity ratio of nearly
1.24.

Operating Clearance

One difficulty that does arise with a tlting-pad journal
bearing is knowing the actual (or effective) value of the two
clearances under real operating conditions. There are sev-
eral reasons for this, not least of which is the influence on
clearance of the manufacturing tolerances on the various
bearing components. Also, the bearing pad, being uncon-
strained, will distort, because of load and because of ther-
mal gradients within the pad, and alter the effective pad
clearance. The bearing clearance will also be affected by
differential expansion of the journal and the bearing, expe-
cially under cold start-up conditions where heating of the
journal and pad is more rapid than that of the housing. The
loss of clearance may be so severe that the bearing seizes (9).

TRENDS IN STEADY LOAD PERFORMANCE

The effects of geometry upon four steady-state charac-
teristics are considered, namely: power loss, maximum pad
temperature, journal eccentricity, and minimum film
thickness.

Power loss is an important factor in bearing design, par-
ticularly at high speed because of energy consumption and
cooling requirements.

Pad maximum temperature may be a limiting factor on
performance (/3) depending on the properties of the bear-
ing material.

The journal eccentricity is not of direct importance to the
operation of the bearing itself, but may be so for external
reasons, ¢.g. the possible rubbing of the shaft on glands or
seals.

The minimum film thickness may be a limiting factor
especially at low speed. An allowable minimum value is a
function of the roughnesses of the journal and bearing sur-
faces.

(The reason for considering both eccentricity and
minimum film thickness is that, in a tlting-pad journal
bearing, they do not have a direct relationship as in a plain
cylindrical bearing.)

Clearances

The effects of the two clearances in the bearing on its
steady-state characteristics are shown in Figs. 7 and 8. One
figure shows results for a 160 mm diameter bearing and the
other for a 400 mm bearing.

The main controlling influence on power loss is the bear-
ing clearance which, when increased, leads to a reduction in
power loss. Increasing the pad clearance can produce a
slight increase in power loss under high load/low speed
conditions.

An increase in bearing clearance also tends to reduce
maximum temperature, as does an increase in pad clear-
ance, ’

For a given operating condilion, the journal cccentricity
is almost directly proportional to the bearing clearance
whereas it is almost independent of pad clearance.

Minimum film thickness is relatively insensitive to
changes in either clearance, the effects being a function of
the actual values of load and speed.

Effect of Load and Speed

The main graphs in Figs. 9 and 10 show characteristic
trends in steady-state performance for a 160 mm diameter
5-pad bearing. Due to thermal effects, the actual values of
clearances in the bearing tend to change with operating
conditions and so the values ol clearances used in these
predictions are based on measured values from a test bear-
ing operating under the same load/speed conditions (see
Table ).

From Fig. 9, it can be seen that the main controlling in-
fluence on power loss is speed, whereas load has little effect.
Increases in both load and speed raise the maximum pad
temperature,

Increasing the load tends to increase eccentricity (Fig.
10). whereas raising the speed tends to reduce it. Generally,
these changes have the opposite effect on minimum film
thickness except under low load/high speed conditions.

Around each of the main graphs (Figs. 9 and 10) is a set
of smaller graphs showing the same characteristics, but with
a change in one of the bearing parameters. The etfect of
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changing the various bearing parameters can be seen: by
comparing the position of the load/speed grid on each of
these small graphs with its position on the main graph (also
shown dotted on each small graph).

Load Direction

Generally, a tilting-pad journal bearing is loaded sym-
metrically, ie. either onto a pad pivol or between two
pivots, the former being the more commaon situation.

It ean be seen from Fig. 9 that changing the direction
from “on pad” to “between pads” tends to reduce the
maximum temperature in the bearing, especially at high
load, but to have little effect on power loss. This change in
load direction increases minimum film thickness (Fig. 10)
substantially so under high load/low speed conditions, but
at the expense of increased journal eccentricity.

The bearing may be loaded in any direction, not just in
these two special directions. Figure 11 shows bearing
characteristics where the load direction has been varied
gradually from a “between pad” position to the next “be-
tween pad” position. This graph endorses the results in
Figs. 9 and 10 and also shows that there is a gradual change
in steady-state characteristics as the load direction is
changed between symmetrical positions.

Bearing Length

There is an increase in power loss with increasing length
(Fig. 9), mainly as the result of the change in bearing sur-
face area. The maximum pad temperature is reduced.

A longer bearing leads to reduced eccentricity (Fig. 10);
there is an increase in minimum film thickness especially
under high load conditions.

Number of Pads

Changing the number of pads (while maintaining ap-
proximately the same total pad area) has most ellect on
maximum pad temperature (Fig. 9), which has a lower value
with fewer l)zlds. Power loss, however, is very little affected.

The number of pads does not significantly affect
minimum film thickness (Fig. 10) except for some increase
under high load conditions with three pads. Eccentricity is
slightly reduced with fewer pads, but this trend would be
reversed if the bearing were loaded between pads as the
journal would then “fall” further between more widely
spaced pads.

Lubricant

Although the lubricant is not a geometric factor, the cf-
fects of changing its grade have been included here in an
attempt to “complete the picture.”

Figure 9 shows that using a less viscous oil results in lower
power loss and lower maximum temperature. Fecentricity
and minimum film thickness (Fig. 10) are not affected
greatly except at high speed where there is aslight decrease
in minimum [ilm thickness.

(Specilications ol oils used in this paper are given in

Table 2.)

10

TRENDS IN DYNAMIC CHARACTERISTICS

The rationale for using a tilting-pad journal bearing is
often its superior capability of suppressing oil film whirl. A
measure of this capability, for a simple two-bearing system,
is the critical mass which can be calculated from the stiffness
and damping coefficients for the bearing (/ /). For tilting-
pad journal bearings, this critical mass is invariably found to
be infinite, indicating that the bearing is inherently stable.
However, it is of interest to study the effects of geometry on
the values of the dynamic coefficients, as these are required
for a more comprehensive dynamic analysis of practical
rotor systems,

Clearance

The influence of bearing clearance and pad clearance on
dynamic characteristics is shown in Fig. 12, for a 160 mm
and a 400 mm diameter 5-pad bearing. High speed cases
were selected as they represent the situations in which
dynamic characteristics are of most interest.

When cunsidcring the (1}'Immic characteristics, 1t 1s the di-
rect terms, those suffixed ., and ,,, that are of most interest
since the cross-coupled terms, those suffixed ., and ,,, are
typically about 3 orders of magnitude smaller. 1f the pad
mertia 1s ignored, then the cross-coupled terms are found
to be even smaller,

For both bearings it can be seen, from Fig. 12, that the K.,
stiffness term is very strongly dependent on the bearing
clearance ratio, which, it changed from 0.001 to 0.004,
causes a reduction of K, by two orders ol magnitude, An
increase in pad clearance tends o increase K,.. The K,
stiffness term (i.e. in the direction of the load,) is also very
dependant on the bearing clearance, but not to the same
degrec as K. The pad clearance has little effect on the K,
term at small values of bearing clearance ratio.

The predominant influence on the direct damping terms,
B, and B, is the bearing clearance. Pad clearance has little
effect on B, but can significantly affect B,

Since the cross-coupled werms are so small compared with
the direct terms, it is sufficient to comment that the bearing
clearance has more effect than pad clearance.

Effects of Load and Speed

Figures 13 and 14 show the effects of various bearing pa-
rameters on the dynamic coefficients. Some general obser-
vations can be made on the effects of load and speed on
stiffness and damping. For stiffness, an increase in load
produces large increases in K, particularly at low speed,

TABLE 2—V1scosry TearerATURE Dara For LUsricaN s UsSen

Dvnamic Viscosity mPas

(centipoise) Used in

Ol Grade Figures
at -HFEC at 1008 Numbers

Light Turbine 275 4k o100 13, 14
Meduim Turbine [y W) 7.8 11,12
Hesvy Turhine BT 7.2 o, 10, 13, 11




1

g LO0F
20¢ ]
E
z o
z & 100
: b 300+ Kyy
v w
P o] a
=
3 L BOF
o (==
i i
z B &
g = =
% = 200t "
0 " , = B0 n 1 K
3% 0 36 -3 0 36 ;
LOAD ANGLE /3 |degl LOAD ANGLE.(3 degl
e =
E e
¢ 005¢ th 100
£ _c% v
E o u
[5%]
=
' >4
r 5]
s [T  Zoos}
~ 0.0St z
& i
w z
Z
0 i 2 = " i & . i
L38 i) 3 ’% 0 % W 0 3%
LOAD ANGLE (3 (deg! LOAD ANGLE . 13 (deg) LOAD ANGLE. (3 (deql
(o)« DIAMETER 130__mr]1_- LOAD 10 240N - SPEED 8000 rev/min
o
100 ¢ =
B > 1000
N w 100} [
T £
: =
W o K
o 3]
S 50 ‘e;
o b =103 3 I
= = =
& 5 E
Qo ":: ‘2
I b
0 : «  Z 60 L T
-36 o] 36 -36 o] 36 =
LOAD ANGLE. 3 ldeg) _ LOAD ANGLE. /3 {deq) $500_ Kex
= L
E =
I3 Tt o
£ £ O [
= = w
- 021 4 \/
- w -
- =
s b 4
5 =oost
LBU 01 3
L - ¥
= 0
o}
z
=
0] 1 | = 0 L Il y
-36 o] 36 =35 0 36 -36 0 36
LOAD ANGLE. 3 {deg) LOAD ANGLE. 3 (degl LOAD ANGLE. 2 ldeg)
(o) - :}Z:_C_AMETER LOD mm - LOAD G4000N - SPEED 3600 rev/min | Turbulent)

Fig. 11—Effect of varying load direction on bearing characteristics

AN LN N PN IS
q L/}_J O O \_:\:
S 0 Ok
03r
BY\"
E02
£ B
z
= v
o
z
3
o
s |
U[w
013 0 36
LOAD ANGLE, 13 Ideg]
2r
Bﬂ'
15}
— B,
t=
¥l
=z
Z
[s4]
O
=z
3
Z o5t
O
TN B g8
083 ' 36

LOAD ANGLE, B [deg]

11



12

STIFFNESS K [MN/m]

g (=] & g - - g
000Lr © 2 5 0.004F 2 ! 0.004 -
Cy / Cq < | .
d [ ; d [ / d /
o002k 5 oooz2} ‘ 0002} i
L Kx -/ Kay -/ Koy
0 v L n i y 0 1 L 0 i I i N
0 0002 o /d 0,00 0 0002 o1 /g 0004 0 0002 o, /4 000
DAMPING , B | MNs/m] = n o
" =] b= =] =
[Tales] e [=] g g =t
oo =% TF 0.00 2 0004, 1 &
Cq Ca Cq ’
ar d d 1
ooo2t 0002 nooz /
Bl
e ' oot Ua/ “oooz . pou 00 Toooz . oook
0 L cly/d Ll HE i
lal - DIAMETER 160 mm - LOAD 10240 N - SPEED 8000 rev/min
STIFFNESS K | MN/m )
o
€ 8 & - . N
0o0Lr = ] 0004 2, ’ 0.004 T
4 Ca Sy
E i E [V i d [ ey g
o002t ooo2} ’ o002t %
| Kex K ay Kys
L i Jj A i g D L L J
% nnoz -, 000 % 0002 , . DOO& 0 0002 , . 0004
Cy cy/d cy/d
DAMFING B, [ MNs/m| =
™ wr g
pooty 99 D 0004 = o 000&- ]
o
Cy Cd 31 bt
d d d | % /
ooz} D002t noozt ,/
| 5 By I / g Byx
Co o002, oooc % 0002 000 % oez oo
Ca cysd cy/d
|bl - DIAMETER 400 mm - LOAD 6L000N - SPEED 3600 rev/min (Turbulent)

Fig. 12—Effect of clearances on dynamic characteristics
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Fig. 13—Effect of various bearing parameters on stiffness
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whereas there is only a slight effect on K .. The main effect
of increased speed is to produce an increase in K. X, in-
creases with speed at low load but, at higher loads, this
trend reverses.

For damping, both load and speed mainly affect B,,,
which increases with load and decreases with speed. Similar
trends apply to B,,, but to a much lesser degree.

Load Direction

Referring to Fig. 13, simply changing [rom one symmet-
rical loading direction, i.c. onto a pad, to the other symmet-
rical position, i.c. between pads, has little effect on either
stiffness term at low load. At high load, there is a very
marked increase in K, especially at low speed. There is
also a reduction in K, at high load.

The effects on the damping terms (Fig. 14) are very simi-
lar to those on the stiffness terms.

It can be seen from both Figs. 13 and 14 that the overall
effect of changing from loading onto a pad to between pads
is to bring the values of the direct dynamic terms closer to-
gether. This is borne out by the results in Figs. 1 la and 11b,
which show the effects of loading in any direction for a sin-
gle load/speed condition.

In Fig. 11, the cross-coupled stiffness and damping terms
arc also shown. For the symmetrical loading directions, the
values of these are insignificant compared with the direct
terms. However, when the pads are not symmetrical about
the load direction, the cross-coupled terms attain quite
large values, the signs of which depend on whether the load
1s before or after the pivot, in the direcuion of rotation, De-
spite this significant cross-coupling, the bearing is still in-
herently stable [when using the Routh criterion (7 1)]. It has
been found that these large values of cross-coupled terms
are due to the asymmetrical loading and do not arise as a
result of including the effects of pad inertia.

Bearing Length

The general effect on stiffness of using a narrower bear-
ing (Fig. 13} is o reduce the value of K. There is an in-
crease in K, at high load, but at low load the value may
increase or decrease depending on the speed. It is of inter-
est to note that for the wider bearing (£/d = 0.7) K, tends
to become equal to K,;, under low load conditions.

Using a narrower bearing reduces the value of the damp-
ing term B, (Fig. 14). The effect on the value of B, is to
increase it at high load/low speed conditions and decrease il
at low load/high speed.

Number of Pads

Figure 13 shows that increasing the number of pads in
the bearing from five o seven tends to increase the values
of both direct stiffness terms at high load, but to decrease
the value of K, at high spced/low load conditions. Reduc-
ing the number of pads from five to three alters one of the
trends in stiffness in that K .. then tends o decrease with
increasing load; this results in the values of K., being very
much reduced at high load. There is little change in the
value of K,,, for either an increase or decrease in the
number of pads.

Using seven pads instead of five shows little effect on the
damping terms (Fig. 14). Reducing the number of pads
from five o three, however, results in a much lower value
of B,, at high load/low speed conditions although little
change at low load/high speed. Change in the number of
pads has little effect on B,,.

The explanation for the marked effect on the . terms in
(‘.hanging from five to three pads is that, in the latter case,
the only pads contributing to those terms are in the “top” of
the bearing. With increasing load, the journal moves away
from the top pads, thercby reducing their contribution to
the .. terms; so, in a three-pad bearing, the values ol these
terms are reduced. However, with five or more pads, there
are some pads which, being in the “bottom™ of the bearing,
contribute more to the .., terms with increasing load and so
these terms have higher values.

Lubricant

Using a less viscous oil has little effect on K, and B, but
the values of K, and B, arc reduced particularly under
low speed conditions.

CONCLUSIONS

Bearing clearance is more significant than pad clearance
to both steady-state and dynamic characteristics. Pad clear-
ance has some effect on maximum pad temperature.

Loading between pads reduces maximum pad tempera-
ture and increases minimum [1lm thickness. It also tends to
reduce the ,, dynamic terms and increase the .. terms. A
nonsymmetrical direction of loading can produce signifi-
cant values of the cross-coupled dynamic terms.

Reducing the bearing length results in lower power loss,
but increases maximum pad temperature and reduces
minimum film thickness. The effect on the dynamic charac-
teristics is to reduce the ., terms.

The most significant elfect of number of pads is on
maximum pad temperature, which is reduced with fewer
pads, especially at high load. A 3-pad hearing has signifi-
cantly lower values of ., dynamic terms, at high load, than
either a 5-pad or 7-pad bearing.

The main effects of using a less viscous lubricant are o
reduce power loss and maximum pad temperature.
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APPENDIX 1

For determining the basic pad characteristics used in the
theoretical model for a tilting-pad journal bearing, the
following form of Reynolds equation was used

a h3op a R ap U ok Oh
iy s i L, e = e el
3x(crn6x)+3y(8"nay 2 ox ot

This form of equation was derived by Ng and Pan (/2)
using a linearized turbulence theory. The coefficients G,
and G, are functions of Reynolds number under turbulent
conditions. For laminar conditions their value 1s 1/12, thus
yvielding the more familiar form of Reynolds equation.

This equation is solved numerically by finite difference
techniques. The boundary conditions applied are:

1. that there is always a full film at the leading edge of
the pad
2. that the pressure, p, is zero on the edges of the pad

op

3. that at film rupture p = 5= 0.
X

Ina ruptured region, the film is assumed to break up into
streamers, thus reducing the wetted area. In calculating the
power loss, the friction at an axial section, within such a
region, is reduced by the ratio of the film thickness at the
upstream rupture boundary to the film thickness at that
section. It is also assumed that, since there is no pressure
generated in the ruptured regions, they do not contribute
to the stiffness and damping of the pad.

For any given journal position, the tilt of a loaded pad is
such that the net pad load acts through the pad pivot. How-
ever, for an unloaded pad, i.e. a pad which has a crescent-
shaped lubricant film when its pivot is against the housing,
it is assumed that the lubricant film is completely ruptured,
hence no pressure is generated and, therefore, the pad
makes no contribution to the stiffness and damping of the
complete bearing.

For purposes of calculating power loss on an unloaded
pad, it is assumed that the pad does not tilt relative to the
journal.

APPENDIX 2

Having determined the performance characteristics of a
pad in dimensionless terms, the value of the effective viscos-
ity is needed in order to calculate the actual characteristics.
This viscosity is dependant on the effective pad tempera-
ture O, which is determined by performing a heat balance.

The temperature rise in the pad is a function of the shear
losses and the lubricant flow through the pad,
1e.

Oy — O = .o s

C,O chm!irw [1]
where k is the proportion of the total heat generated that
is carried away by the lubricant (assumed to be 0.83) and
C and p are the heat capacity and density of the lubricant.
Referring to Fig. 15, it can be seen that all the outlet flow
over the trailing edge of the pad, Q.. cools the bearing,
whereas only part of the side flow effectively daes so, since
that side flow leaving the pad towards its leading edge car-
ries away very little of the total heat generated. Therefore,
the assumption is made that the effective cooling flow is:

1
(Jt‘riri“iu.r = Q,rm.- i ?Qxid’n’ [2]

The heat balance Eq. [1] has to be solved iteratively, as both
the power loss, Hy.4, and the flows are a function of the
effective viscosity and hence G,y This heat balance must be
performed for each pad in the bearing.
The following approximation is used to determine the
maximum temperature on each pad.
2

eff +_(9Pff = em)

Our = 3
;

(3]

The maximum temperature in the bearing is the highest
of the individual pad values.
In determining the appropriate inlet temperature, 0y,

Q

out

Flg. 15—Flows and temperatures for pad heat balance



for each pad, account is taken of “hot oil” carried over from
the previous pad. This is done by assuming that a propor-
tion of outlet flow, Qy,. from the previous pad, at its effec-
tive temperature G,4, is available to feed the inlet to the
next pad. [f this flow is insufficient to fill the pad inlet, then
the rest of the pad inlet flow is “made up” with lubricant at a

temperature somewhere between the inlet and outlet tem-
peratures to the bearing housing. (It is assumed in the
examples in the paper that 85 percent of the *hot oil” from
the trailing edge of one pad is available as inlet to the next
and that the "make-up” lubricant temperature is half way
between housing inlet and outlet temperature.)

DISCUSSION

JOHN C. NICHOLAS (Member, ASLE)
University of Virginia
Charlottesville, Virginia 22901

The discusser would like to congratulate the authors for
their excellent contribution to tilt-pad bearing design. The
results concerning the effect of various bearing parameters
on tilt-pad stiffness and damping are particularly useful.

For high-speed, high-performance turbomachinery,
bearing stiffness is an important consideration. For exam-
ple, tilt-pad bearings that are many times stiffer than the
machine’s fundamental shaft stiffness may not permit
enough bearing damping o be transmitted into effective
damping at the rotor center. This would result in a rotor-
bearing system that is very sensitive to synchronous and
subsynchronous excitation. Tilt-pad bearings should be de-
signed to match the shaft stif fness. The authors have pro-
vided a valuable design tool with their parametric study.

Have the authors compared their results with other ex-
perimental or theoretical results available in the literature?
If s0, these comparisons would be very valuable and should
be included in the paper. Another curve that would be very
helpful is a dimensional plot of stiffness and damping coef-
ficients that compares the constant viscosity case to the vari-
able pad viscosity case used by the authors. The effect of
variable viscosity on the dynamic performance of tilt-pad
bearings is extremely important, particularly when the
bearing is operating at low speeds and/or high loads.
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AUTHORS’ CLOSURE

The authors are grateful to Dr. Nicholas tor his com-
ments. In particular, the advice on “matching” bearing and
shaft stiffness is especially welcome from one who has made
recent advances in this held (B1).

In answer to the specific questions, the authors have
compared their results with others. In their paper, the au-
thors stated that there was insufticient data 1 compare the
L'xpc:rimcntul work of Yamauchi and Someya (8). However,
more data have since been made available to us by those au-
thors and the predicted dynamic characteristics are com-

pared with the experimental results of Yamauchi and
Somevya in Fig. B1l. Details of the bearing geometry are:

+ tilting pads—centrally pivoted

pad arc angles 55 *—loaded between pads

Journal diameter 20 mm

bearing length 10 mm

radial pad bore clearance 0.1 mm

radial bearing clearance 0.057 mm

presct, m = 043

A spindle oil with a viscosity of 15.8 centipoises at 30°C
and 2.56 centipoises at 100°C was used. The oil inlet tem-
perature was 26°C. The direct stiffness and damping shown
by the curves in Fig. Bl were computed. by the authors,
using a nonglobal heat balance 1J|‘=}J(:|.tdur(‘ (as adopted in
their paper). The general trends in the theory for this case
show a good resemblance to those indicated by experiment,
thus creating more confidence in the future use ol the
mathematical model as a design wol.

The authors have also compared other theoretical results
in the literature with their predicted dynamic performance

characteristics and these are summarized in Fig. B2, Two
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Fig. Bi—Comparison of theoretical predictions and experimental mea-
surements of dynamic characteristics for a 20-mm diameter 4-pad
bearing.



sources of data are studied; one based on the work ol the
discusser and his coauthors, Gunter and Allaire (5) and the
other based on the work of Shapiro and Colsher in (B2) and
in private communication to us. The results® relate to five
pad bearings with{/d ratios ol 0.5 and 1.0 and presets (n) of
0.5 and zero, respectively.

When studving the various theoretical predictions for
presentation in l"ig, B2, it became apparent that the rela-
tionship between bearing eccentricity ratio € and Sommer-
feld Number § were almost identical from all sources con-
sidered. This was usetul since the stiffness and damping
coelficients could then be compared on a common
framework of either € or § as shown.

For the I/d =.0.5, m = 0.5 case, there was very liule dif-
ference between the dynamic coefficients predicted by the
author (full line), Nicholas (circles) and Shapiro (crosses).
For the iid = 1,m = 0 case, again there was very little differ-
ence between the various predictions for the stiffness coel-
ficient, but a noticeable difference between the authors
damping coefficient and that predicted by Nicholas, espe-
cially at low values of bearing eccentricity. The reason for
this ditfference could be that Nicholas considers there to be

*As the comparison is made in dimensionless 1en

s, the authors in using
such terms had to “force” the viscosity to be the same value on all pads (un-
like the approach in the authors’ paper).
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damping in the oil film of all the pads, whereas the authors
are unable to quantify damping for a particular pad if it
does not generate any hydrodynamic pressurc and so will
not force the pad against its housing. Under such condi-
tions, unloaded pad radial positions are then unknown and,
although there may be some associated damping, the au-
thors were unable to quantify it and assigned a zero value
for those particular pads.

Dr. Nicholas suggested that the authors compare
dynamic characteristics for the variable viscosity case
against the constant viscosity case. For this, a study has been
carried out on a 5-inch tilting-pad bearing referred to in
Ref. (B2).

The bearing details are:
Bearing diameter = 5 in
Bearing length = 5 in

5 pads—centrally pivoted
Pad arc 60°—loaded on pad

Pad preload § m =1 - :' =0
Load = 3420 Ibl
k= EFC'r
07 06 050403 02
5 1 Il 1 1 Il 1
2 L 4

STIFFNESS COEFFICIENT

DAMPING CQEFFICIENT

5 PADS - .60° ARCS
LOAD ON PAD
CENTER PIVOTED

Fig. B2—Comparison of predictions for dynamic performance character-
istics of tilting-pad journal bearings.



TABLE Bl

COMPARISON OF STIFFNESS AND DAMPING IN
CONSTANT AND VARIABLE VISCOSITY CASES,

CONSTANT VIscosITY CASE[VARIABLE ViscosiTY CasH
{SAME ON ALL PADS) (DIFFERENT ON EACH PAD)
SHAPIRO AND
CO1SHER AUTHOR AUTHOR
Load (1bf) 3433 3420 3420
K . -(Ibffin) 2.28 x 10° | 222 x 1P 3.05 x 10°
K, (1Dt in) 3.01 x 107 | 2,99 x 1P 2.93 x 10°
B .. (Ibf.s/in) 1896 1861 2545
B, (Ibf.s/in) 65172 6141 6057
Effective
Viscosity 13.8 15.8 13.4/18.5/22.53/22.1/19.3
(centipoises)

Speed = 5000 rev/min

Radial clearances c; = ¢, = 0.005 mn

For the constant viscosity case in Ref. (82), a viscosity
value of 2 X 107% Ibf-sec/in? (13.8 centipoises) was used and
the resulting bearing eccentricity ratio was 0.6. In order o
select an oil, the authors chose a grade to give an eccentric-
ity ratio of 0.6 when using their variable viscosity (from pad
to pad) procedure. The oil grade required to satisfy these
conditions was rather thick, an 1SO VG 100 oil (100 centi-
stokes at 40°C and 11 centistokes at 100°C). The vesults of
this study are shown in Table B1.

From this table, it can be seen that the authors dynamic
characteristics, for the constant viscosity case, compare well
with those of Shapiro and Colsher. In using variable viscos-
ity, for the particular bearing considered, a higher stiffness
and damping results for the xx values (about 40 percent
above that for the constant viscosity case). There is very lit-
tle difference in the yy values, however.

19



